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EXPERIMENTAL DYNAMIC STIFFNESS AND DAMPING OF EXTERNALLY
PRESSURIZED GAS-LUBRICATED JOURNAL BEARINGS
by David P. Fleming, William J. Thayer, and Robert E. Cunningham

Lewis Research Center and
U.S. Army Air Mobility R&D Laboratory

SUMMARY

Experiments were conducted to determine the dynamic properties of 63-millimeter-
diameter, externally pressurized gas journal bearings. A rigid vertical shaft was oper-
ated with known amounts of unbalance to produce a rotating load on the bearings. Speeds
ranged to 30 000 rpm and gas supply pressure ratios to 4. 8. Measurements were made
of the amplitude of the synchronous shaft whirling and of the phase angle between the
shaft displacement and the unbalance vector. From these data, dynamic stiffness and
damping coefficients of the bearings were determined.

The measured stiffness was proportional to the supply pressure, while damping was
little affected by supply pressure. Damping dropped rapidly as the fractional frequency
whirl threshold was approached. Increasing the amount of unbalance increased the
damping but decreased the stiffness.

A small-eccentricity analysis overpredicted the stiffness by some 20 percent at the
highest supply pressures and up to 70 percent at the lowest supply pressures. Predicted
damping was lower than measured at low speeds but higher at high speeds.

INTRODUCTION

Externally pressurized, gas-lubricated bearings are attractive for a number of
applications. They offer the advantages of self-acting gas bearings - cleanliness, free-
dom from oil systems, easily met sealing requirements - plus a much higher load
capacity and some freedom from the fractional frequency whirl which often plagues self-
acting gas bearings. :

Gas-lubricated bearings are often used in high-speed applications. Thus a know-
ledge of the bearing's dynamic properties is necessary in order to design the rotor-
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bearing system to avoid excessive amplitudes of rotor motion. Previous work at Lewis
Research Center (refs. 1 and 2) measured the steady-state propertie= of orifice-
compensated, gas-lubricated journal bearings. Further work (ref. 3) determined that
experimental zero-speed stiffness data could be satisfactorily used to predict rotor
rigid-body critical speeds.

The amplitude of rotor motion in response to unbalance excitation depends heavily
on bearing damping, especially near the critical speeds. Damping cannot be determined
from steady-state unidirectional-load data, and attempts to use analytical bearing
properties to determine rotor critical speeds and amplitudes have not been notably suc-
cessful (ref. 4).

The objectives of the investigation reported herein were to experimentally determine
the dynamic stiffness and damping of a 63-millimeter-diameter, externally pressurized
gas journal bearing. The exciting force was that of a known unbalance applied to the
rotor; thus the bearing was subjected to a load which rotated at rotor speed. This is the
predominant load in many types of high-speed machinery. Bearing properties were
measured for supply pressure ratios to 4, 8, speeds to 30 000 rpm, and unbalance eccen-
tricities to 16 percent of the bearing clearance. The results were compared with the
predictions of a small-eccentricity analysis.

The data were taken in the U, S. customary system of units and converted to SI units

for reporting purposes.

APPARATTUS

The apparatus used in this investigation was basically the same as that used in
references 1 and 2; it is shown in figure 1. Two bronze test bearings were mounted in
stainless steel plates. Three vertical arbors, with appropriate spacers, located the
bearing plates with a span of 203 millimeters. The bearing plates could be moved rela-
tive to each other to aline the two bearings, The rotor was oriented vertically; its
weight was supported by an externally pressurized thrust bearing. The rotor was driven
by pressurized air from two nozzles impinging on 30 buckets milled in the rotor at the
upper end. An identical set of buckets at the lower end (cut in the opposite direction)
was used for braking. The photograph in figure 1 shows a pneumatic load cylinder and
loader bearing, used in obtaining the data of references 1 and 2. These devices were
not used in the present work; no external loads were applied to the rotor.

One of the externally pressurized bearings is shown, along with the test rotor, in
figure 2. Each bearing was 63 millimeters in diameter by 95 millimeters long, giving a
length-to-diameter ratio of 1.5. The bearings were made of cast aluminum bronze and

were precision machined before installation in the apparatus. Geometry gage measure-
ments of the bores showed roundness and concentricity to be within 1 micrometer. The
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two bearings had slightly different diameters, resulting in radial clearances of 39.1 mi-
crometers in the upper bearing and 37.6 micrometers in the lower.

Each bearing had 12 orifice plugs arranged in two rows of six equally spaced around
the circumference. The orifice planes were located one-quarter of the way in from the
bearing ends. Figure 3 shows the orifice mounting method. The orifices were set back
0. 76 millimeter from the bearing surface. The ratio of orifice recess volume to bearing
lubricant volume (given by 7DLC) was thus 0.1. (All symbols are defined in the appen-
dix.) The inherent compensation factor az /dC for this bearing was 0.7, making the
bearing predominantly orifice compensated.

The rotor was 63 millimeters in diameter and 460 millimeters long. It was made
of SAE 52100 steel and weighed 11. 1 kilograms. Measurement of the rotor showed it to
be round within 0.5 micrometer and concentric within 1.3 micrometer over the bearing
lengths. The rotor was drilled radially in four places at each end. Into these holes
were inserted set screws., These were used to dynamically balance the rotor and also to
insert a known unbalance, which applied a rotating load to the bearings.

INSTRUMENTATION

Two orthogonally mounted capacitance distance probes were mounted outboard of
each bearing (fig. 1). These probes provided a noncontacting method of monitoring
rotor displacement. Each probe was calibrated before installation in the test apparatus.
The sensitivity of the probes with their displacement meters was nominally 1 volt per
0.25 millimeter.

Rotor speed was measured by an inductive sensor close to the turbine buckets and
displayed in rpm on a digital counter. The speed was also measured with a photodiode,
which viewed the periphery of the shaft at the upper end. The shaft in this area was
painted a flat black over half of the circumference; the other half was the bare, finely
ground shaft surface. Thus the output of the photodiode was a square wave with 1 cycle
per shaft revolution. This signal served as a phase reference, as well as a speed
measurement,

The remainder of the instrumentation conditioned the signals from the noncontact
prokss and photodiode and yielded output in terms of rotor amplitude and phase angle.
Figure 4 schematically depicts the instruments.

The photodiode output, a square wave whose frequency equals the rotor speed, was
used as one input to a phase meter. The signal was also fed into a dynamic input sine
converter (DISC), The DISC had two outputs: The first was a d.c. signal proportional
to rotor speed, which was input to the x-axis of the XYY plotter. The second was a sine
wave of the same frequency as the square wave input. The sine wave signal passed into
a carrier generator whose output was one input of a tracking filter. The other tracking
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filter input was the amplified signal from a selected capacitance probe. The filter out-
put, then, was the synchronous component of the capacitance probe signal, that is, the
synchronous component of the rotor motion. This signal was passed to a peak-to-peak
voltmeter whose output was one of the Y inputs of the XYY plotter. The filtered
amplitude signal was also input to the phase meter, along with the photodiode square
wave. The phase meter output was a d.c. voltage proportional to the phase angle be-
tween the square wave and the rotor amplitude sine wave. Phase angle was read directly
on a digital voltmeter and also provided the second Y input to the XYY plotter. Thus
the plotter provided graphs of rotor amplitude and phase angle as functions of rotor
Speed.

The capacitance probe signals were also connected, in orthogonal pairs, to an X-Y
curve-tracing oscilloscope. In this way the rotor orbit could be observed visually and
any nonsynchronous motion readily detected.

TEST PROCEDURE

Prior to the first test run, the upper bearing was carefully alined with respect to
the lower. Precision gage measurements showed the bearing axes to be alined within
2 micrometers radially and 10 microradians angularly. The rotor was balanced in
place by means of the set screws installed in the rotor (fig. 1). The amplitude of rotor
motion after balancing did not exceed 0.22 micrometer. There was no noticeable buildup
at the known critical speed, indicating that the observed amplitude was chiefly due to
runout. Measured critical-speed amplitudes were 8 to 100 times the balanced amplitude;
thus the error due to residual runout is small.

For the test runs the rotor was unbalanced by turning in one balancing screw at each
end of the rotor to provide excitation for a translatory whirl. All instruments were
turned on and allowed to warm up. Air was then supplied to the rotor drive turbine, and
the rotor accelerated slowly to the maximum speed for the particular test conditions.
(This was usually the speed at which fractional frequency whirl became apparent, as
indicated on the oscilloscope presentation.) The turbine drive air was then shut off and
the rotor allowed to coast down in speed. During coastdown, rotor amplitude and phase
angles for one bearing were plotted as functions of speed on the XYY plotter. Two
coastdowns were thus needed to obtain data for both bearings; these were usually made
on the same sheet of graph paper. A typical plot is shown as figure 5.

DATA REDUCTION

Once the rotor amplitudes and phase angles are determined, it is necessary to




translate them into bearing stiffness and damping coefficients. This is done by inverting
the equations of motion of a rigid rotor, as found in reference 5. The following assump-
tions were made prior to inverting the equations of motion:

(1) The shaft unbalance is known exactly. This unbalance is placed in the shaft in-
line and in-phase, such that the mass axis of the shaft parallels the geometric axis.
Since the rotor mass center is midway between the bearings, this means that any conical
motion of the rotor is due to slight differences between the two bearings.

(2) The bearings are isotropic, such that any point in the shaft makes a circular
orbit about the axis defined by the bearing centers. With this condition, it is not possible
to distinguish between direct and cross-coupled bearing coefficients. For convenience,
only the direct coefficients will be retained in the equations of motion. These are

Ki = KiX =Kiy

The equations of motion then became

M . . : - 2

? (T2x1 - T1X2) + lel + KyXq + lel + B2x2 = (U1 + U2)w cos wt (1)
M (Ty§y - Ty99) + Kqvq + Koy + By¥y + By¥y = (Uy + Up)o? sin wt 2)
g 2917 12 191 Yo * P11+ Pa¥2

I I w
t . . 3 3 -
S—(Xz - Xl) + —ps— (y2 - yl) + B2T2x2 + B1T1x1 + K2T2x2 + K1T1x1
= (Ulp1 + U2p2)w2 cos wt (3)
I I w
5 W - 99 - B Gy - %)) + ByTyyy + ByTyyy + KyToyp + Ky Tyyy
= (Ulp1 + U2p2)w2 sin wt (4)

Figure 6 illustrates the notation of these equations.
The rotor coordinates at the bearings may be expressed as

X

Ei cos wt + Fi sin wt (5)

y; = -F,; cos wt + E, sin wt (6)

These expressions are differentiated to obtain the shaft velocity and acceleration, and




the results are substituted into equations (1) to (4).

Equation (1) may now be multiplied by cos wt and equation (2) by sin wt and the
resulting equations added. Similarly, equation (1) may be multiplied by sin wt and
equation (2) by cos wt and one equation subtracted from the other. The results of the
addition and subtraction are independent of time and may be written

M 2 . 2
-?w(T2E1-T1E2)+K1E1+K2E2+wB1F1+wB2F2—(U1+U2)w (1)
M 2T ¥, - T,F,)+K,F, +K,F. - wB,E, - wB,E, =0 (8)
S oFy - TyFp) + K Fy + Ky Fg 11 9oEsg

Equations (3) and (4) may be treated similarly, the results being
w2
3 (I - T)E; - E,) + TyK,Ey + T K E; + T,wByFy + T, wB, Fy
2
= (Ulpl + Uzpz)w 9)
2

w —
? (It - Ip)(F1 - F2) + T2K2F2 + TIKIFI - Tsz2E2 - TlcoBlE1 =0 (10)

Equations (7) to (10) constitute four equations in the unknowns Kl’ K2’ Bl’ and B2;
they may be readily solved simultaneously.

It must be noted at this point that the displacement probes are not at the bearing
centers but outboard of the bearings. Furthermore, measurements are made on the test
apparatus in terms of amplitude and phase angle. Thus, rotor x-direction motion at a

probe is given by

g = A cos(wt - @) (11)

This may also be expressed in the form of equation (5) as

gi = Gi cos wt + Hi sin wt

If cos(wt - gpi) is expanded, one sees that

G = Ai cos ¢;
Hi = Ai sin @

As x and y components of amplitude vary linearly along the rotor, E and F may be
expressed in terms of G and H:
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H,-H

F,=H + 2_ l(zi-Cl)
€9 = 51

Since the z-coordinate is measured from the lower bearing, zq = 0 and Zgy = L.

The preceding calculations are all carried out by a computer. The computer pro-
gram accepts as input the amplitude and phase angle at the probes and the rotor speed.

It was recognized that amplitudes at the two bearings might not always be equal, thus
introducing some cocking of the rotor in the bearings. Accordingly, the misalinement,
as a fraction of the bearing clearance, was calculated for each test point by the formula

1/2 L

A= [(x; - %)% + (71 - ¥9)°] =

As used here, then, q is a measure of the clearance change over the length of the bear-
ing. For the present experiments, the average value of q was 1.5 percent; the maxi-
mum was 6 percent. Thus, any effect of misalinement on bearing performance should
be small.

: ERROR ANALYSIS

The dynamic characteristics of a gas film, specifically stiffness and damping, can-
not be measured directly. Values of these coefficients must be calculated from the
values that can be measured directly - these being displacement, phase angle, frequency,
and initial clearance.

A number of different sensors and instruments are necessary to measure these
variables and, of course, each is subject to error. Typical accuracies of instruments
used as obtained from manufacturers' operating manuals (ref. 6) are shown in table I.
Which instruments are involved in each measurement may be determined from figure 4.
Table II summarizes the errors involved, In computing the possible error in phase
angle, any phase shifts in the various instruments involved have been neglected.

In addition to the instrument errors, there are inaccuracies in determining the
applied unbalance (0. 13 percent) and rotor mass (0.1 percent), in reading the plotted
results (0. 25 percent in speed, 0.5 percent in amplitude, and 1 percent in phase angle
for midrange values), and because of the residual runout (0.22 g m in amplitude at an
unknown phase angle).

The possible errors in the direct measurements must now be translated into the



resultant errors in bearing stiffness and damping. As it is very difficult to write ex-
plicit expressions for stiffness and damping for the actual four-degree-of-freedom sys-
tem, a two-degree-of-freedom model has been used for the error computation. This
corresponds exactly to the actual system when the rotor motion is purely cylindrical.
The stiffness and damping may then be written

K=w2Ucos£+M
A

2

Bw = w“U sin &
A

In these expressions, K and B denote the total stiffness and damping for both bearings,
and U is the total unbalance. The error expressions are obtained by differentiation:

ax _ 2|dwj + Uwz (IdU‘ + ld:|>|cos <Pl + Isin <pd¢l + 2 ’ M

K W AK U Wop M

dBw _ 2|dw]| +J—-idU +J——LdA + |cot ¢ do|
U A .

Bw w

These equations show that the resultant errors in stiffness and damping depend not only
on measurement errors, but also on the phase angle between the unbalance and the re-
sponse. The most accurate results are generally obtained near resonance.

Sample error results, calculated for the run with a pressure ratio of 4. 8 and
66 g mm unbalance, show that the possible error in stiffness is 2.6 percent at resonance,
5 percent when ¢ = 1350, and 16 percent when ¢ reaches 180°. For damping, the
possible error is 12 percent at resonance and 15 percent when ¢ = 135° and becomes
unbounded as ¢ approaches 180°. The probable errors, of course, are less, as some
cancellation of errors is likely to occur.

RESULTS

Bearing dynamic stiffness and damping are plotted as functions of rotor speed in
figures 7 to 10. The (a) and (b) parts of each figure show stiffness, and the (c) and (d)
parts show damping. Conversely, the (a) and (c) parts are for the upper bearing, and
the (b) and (d) parts for the lower bearing. Each figure is for one bearing supply pres-
sure ratio, with two or three curves for different amounts of unbalance. The unbalances
applied were 10, 52, and 66 g mm total for the rotor. This corresponds to mass eccen-
tricities of approximately 2.5, 13, and 16 percent of the bearing clearance. These
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unbalances produced maximum critical-speed rotor amplitudes of 13, 50, and 58 percent
of the bearing clearance. For a given unbalance, critical-speed amplitude increased
with supply pressure.

Also shown in each plot are theoretical predictions. These have been computed
from the analysis of reference 7 by taking the whirl frequency equal to the rotative fre-
quency (synchronous whirl). Since this is a small eccentricity perturbation analysis,
one curve applies to all unbalance levels. The correction factor of Lund (ref. 8) was
applied to account for there being only six orifices per row rather than the line source
assumed by reference 7.

Figure 7 is for a supply pressure ratio of 2. 3; that is, the absolute supply pressure
was 2,3 times the ambient pressure. For this case the stiffness is nearly constant with
speed. Increasing the unbalance from 10 to 52 g mm results in a small decrease in
stiffness over most of the speed range. The maximum bearing eccentricity ratio for
this supply pressure was 0. 25; thus the bearing was always operating in the ""small
eccentricity'' region. The upper bearing shows somewhat higher stiffness than the
lower bearing. This is contrary to expectation, since the clearance of the upper bearing
was slightly larger (39.1 um versus 37.6 pm). This ranking of the two bearings was
the same for all but the highest pressure ratio used.

The analysis predicted considerably higher stiffness than observed. This is possibly
due to the non-line-source correction factor being inadequate for the small number of
orifices actually used (6 per plane).

Bearing damping generally rises with speed, except for the upper bearing at 10g mm
unbalance. For this case, damping is nearly constant over most of the speed range,
decreasing near the highest speed tested. Damping is higher with a larger unbalance.
The predicted damping is lower than measured at low speeds but approaches the meas-
ured values at high speeds. It may be noted in figure 7(d) that the measured and pre-
dicted curves have nearly the same slope at low speeds.

Figure 8, for a pressure ratio of 3.0, is generally similar to figure 7 as regards
stiffness. However, for the lower bearing, the stiffness initially decreases with speed
and then increases. For the higher unbalance (52 g mm) the lower bearing stiffness
again drops at the highest speeds tested. The stiffness values are higher than those of
figure 7, as expected for an externally pressurized bearing.

Bearing damping initially increases with speed and then decreases. The decrease
is pronounced in the upper bearing with the lower unbalance level (10 g mm) and appears
to signal the approach of the fractional frequency whirl threshold, which imposed an
upper limit to rotor speed. Predicted damping values are lower than measured at low
speeds but become higher at high speed. (The predicted values do not consider the prox-
imity of the fractional frequency whirl threshold.) In contrast to the stiffness, the over-
all damping level was changed little by increasing the supply pressure. In common with
figure 7, increasing the unbalance increases the damping but decreases the stiffness,




Figure 9 is for a pressure ratio of 3.5. This figure is generally similar to figure 8
for a pressure ratio of 3.0.

Figure 10, for a pressure ratio of 4.8, has curves for three unbalance levels. In
addition to unbalances of 10 and 52 ¢ mm, as in the previous figures, an unbalance of
66 g mm was used. The stiffness curves for the three unbalance levels are somewhat
more widely separated than at the lower pressure ratios. Conversely, the damping
curves are grouped closer together. As expected, the stiffness is the highest observed
in this series of runs, while damping values are nearly the same as for lower supply
pressures,

Some general observations can now be made. Table III shows the average stiffness
of the lower bearing over the speed range as a function of the pressure ratio and the
unbalance level. As observed previously, stiffness rises with'pressure ratio and falls
with increasing unbalance., The small influence of speed is shown by the rms deviation
from the average, which appears in the fourth column of table III. The deviation has
been listed in the form ok/—K converted to percent, where O is the rms deviation and
K the average stiffness. The largest deviation is 4 percent. This verifies the visual
observation that the influence of speed is minimal,

The last column in table HI shows the stiffness in the dimensionless form
C_K_/ (p s - pa)LD. For the three higher supply pressures, the dimensionless stiffness is
nearly constant, indicating that dimensional stiffness is proportional to the gage supply
pressure.

The critical speed has been marked by a solid circle on the curves of figures 7to 10,
This is the speed where the amplitude is highest. The critical speed increases with in-
creasing supply pressure and decreases with increasing unbalance. This behavior is
reasonable, since higher supply pressure increased the bearing stiffness, while higher
unbalance reduced the stiffness. The relation of supply pressure, measured stiffness,
damping, critical speed, and calculated critical speed is shown in table IV. The meas-
ured values shown are the averages for the two bearings. The peak amplitude for the
lower bearing generally occurred at a slightly higher speed. The last column of table IV
shows the critical speed calculated by the formula

K 1/2

where the quantities on the right side are taken at the measured critical speed. The
formula was derived by finding the speed at which the response of a damped system is
maximized (ref. 9). The measured and calculated critical speeds agree closely, the
average deviation being just over 2 percent. -
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The predicted stiffness is consistently less than that measured. The disparity
ranges from 20 percent at the high supply pressures to 70 percent at the low pressures.
This follows the trend observed in reference 1 for steady-state data. As mentioned
earlier, this may be due to inadequate theoretical treatment of the small number of
orifices used,; the theory was developed for a line source with a correction factor applied
to account for the actual finite number of orifices.

The analysis of Majumdar (ref. 10), which accounts for the effects of individual
orifices, showed better agreement with the experimental data of reference 1 than did the
analysis of Fleming, et al. (ref. 7). Majumdar's results unfortunately have not been
published for the case of synchronous whirling. An additional factor not accounted for in
either analysis is the pressure recovery which occurs downstream of the orifice.

A further difference between theory and experiment is the behavior with changing
speed. The measured stiffness remained relatively constant as the speed changed, while
the predicted stiffness increased with speed. This difference also occurred for some of
the steady-state results in reference 1.

An interesting observation in this regard is the theoretical behavior as the speed and
whirl ratio are changed. In this report the theoretical stiffness has been taken from the
radial load component of the bearing f r when the bearing whirls at its rotational speed.
Under this condition, fr increases with speed. The behavior is similar when there is
no whirl, that is, under a steady load. However, at the critical frequency for fractional
frequency whirl (usually slightly over half the rotational frequency), f. is equal to or
less than its value at zero speed. That is, there is no increase with rotational speed.
This is, for most of the data, exactly the behavior observed experimentally under condi-
tions of synchronous whirl. The zero-speed predictions appear as horizontal dashed
lines in the (a) and (b) parts of figures 7 to 10. Agreement with experiment is better
than are the actual-speed predictions, both in magnitude and in trend with changing
speed.

The overall magnitude of damping was changed little by supply pressure. Maximum
damping generally occurred near the critical speed. Thus, for higher supply pressures,
the maximum damping occurred at higher speeds, and the damping curves are more
""spread out'' in speed. Above the critical speed, and particularly near the fractional
frequency whirl threshold, damping decreased rapidly. Predicted damping values were
conservative at low speeds but were higher than measured values at higher speeds. As
previously mentioned, the analysis does not consider the mass supported by the bearing
and its effect on critical speeds or fractional frequency whirl thresholds.

SUMMARY OF RESULTS

Experiments were conducted with externally pressurized, gas-lubricated journal
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bearings to determine the dynamic stiffness and damping during synchronous whirl, The
whirl orbit was produced by a deliberately unbalanced rotor, Supply pressure ratios to
4.8, rotor speeds to 30 000 rpm, and unbalance eccentricities to 16 percent of the bear-
ing clearance were investigated. The following results were obtained:

1. Stiffness increased with supply pressure and decreased with increasing unbalance.
Measured stiffness was approximately proportional to the gage supply pressure. There
was little variation of stiffness with speed.

2. Damping was little affected by supply pressure, except as increasing supply
pressure increased the critical speed. Damping generally increased with increasing
speed below the rotor critical speed and then decreased. A larger unbalance resulted in
increased damping.

3. Stiffness was overestimated by small-eccentricity perturbation theory. The
theory also predicted increasing stiffness with speed, which was not observed experimen-
tally. The predicted stiffness for the case of no rotation agreed better with experiment
than the actual-speed predictions throughout the speed range.

4, Predicted damping was lower than observed at low speeds and higher at high
speeds. The disparity at high speeds is probably because the theory does not consider
the fractional frequency whirl threshold.

Lewis Research Center,
National Aeronautics and Space Administration,
and
U.S. Army Air Mobility R&D Laboratory,
Cleveland, Ohio, April 6, 1976,
505-04.
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APPENDIX - SYMBOLS

rotor amplitude, m

orifice radius, m

bearing damping coefficient, N-sec/m

bearing radial clearance, m

bearing diameter, m

orifice recess diameter, m

amplitude components of rotor motion at bearings, m
theoretical radial load component of bearing, N
amplitude components of rotor motion at probes, m

rotor polar moment of inertia, kg m2

rotor transverse moment of inertia, kg m2
bearing dynamic stiffness, N/m

bearing dynamic stiffness averaged over speed range, N/m

bearing length, m

rotor mass, kg

supply pressure ratio ps/pa

atmospheric pressure, Pa

absolute supply pressure, Pa

misalinement fraction, dimensionless

bearing span, m

distance from rotor mass center to bearing i (measured in +z direction), m
time, sec

unbalance, kg m

rotor coordinates at bearing i, m

rotor axial coordinate measured'from lower bearing, m

z-coordinate of probe i, m

rotor x-direction coordinate at probe i, m

distance from rotor mass center to unbalance i (measured in +z direction), m



T rms deviation of stiffness from average value, N/m
0] phase angle, rad )

w rotor angular speed, rad/sec

Subscripts:

cr critical speed

i bearing, probe, or unbalance i

X, ¥ X or y directions

14
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TABLE I. - TYPICAL INSTRUMENT ACCURACIES

[From ref. 6.

]

Error,
percent

Proximity sensor output
Digital voltmeter
Amplifier
Dynamic input sine converter
Tracking filter
Phase meter
Peak-to-peak d.c. voltmeter
XYY plotter

+2.6
+3.0
+.01
+.25
+2.0
.08
+4.0
+.2

TABLE II. - INSTRUMENTATION ERRORS IN DIRECT MEASUREMENTS

Speed
Contribution Error,
to error percent
DIsC 0.25
Plotter .2
Total possible 0.45

error, percent

Reading
Amplitude
Contribution Error,
to error percent
Capacitance 2.6
probe
Amplifier .01
Tracking filter 2.0
Peak-to-peak 4.0
voltmeter
Plotter .2
8.8

Phase angle
Contribution | Error,
~ to error | percent
Phase meter| 0.08
Amplifier .01
Plotter .2

0.3




TABLE OI, - AVERAGE DYNAMIC STIFFNESS OF LOWER BEARING

Pressure | Unbalance, Average | rms Deviation, Dimensionless
ratio, U, stiffness, ok/f, _stiffness,
P g mm K, percent CK/(pS - pa)LD
MN/m
~
2.3 10 8.3 4 0.40
52 8.1 1 .39
3.0 10 14.6 3 .46
52 13.9 4 .44
3.5 10 19.1 2 .48
52 18.9 2 .47
4.8 10 29.17 2 .49
52 27.7 3 .46
66 26.4 3 .43
TABLE IV. - CRITICAL-SPEED PROPERTIES
Pressure | Unbalance, | Measured | Measured | Measured | Calculated
ratio, U, stiffness, | damping, critical critical
PS g mm K, Buw, speed, speed,
MN/m MN/m rpm rpm
2.3 10 8.7 4.8 13 700 13 000
2.3 52 8.6 5.3 13 600 13 200
3.0 10 14.8 5.2 16 700 16 100
3.0 52 14.8 5.9 16 600 16 300
3.5 10 19.2 5.4 18 700 i8 100
3.5 52 18.17 6.6 18 300 18 100
4.8 10 28.9 5.7 22 300 22 000
4.8 52 26.3 7.0 21 600 21 200
4.8 66 25.3 7.4 21 100 20 800
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Figure 1. - Externally pressurized air bearing test apparatus.
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Figure 3. - Section view of test bearing.
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Figure 4, - Schematic diagram of instrumentation.
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Figure 6. - Schematic diagram of rotor in bearings.
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Figure 7. - Stiffness and damping of externally pressurized bearing with supply pressure ratio of 2.3.
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Figure 9. - Stiffness and damping of externally pressurized bearing with supply pressure ratio of 3.5.
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